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PROBLEM DESCRIPTION

An old centrifugal compressor of the over-
hung type with a single impeller was put into
service after modifications to the flow path.
Because the rotating component modifications
were small, the same bearings were used. The
bearings were sleeve bearings, with the impel-
ler end (non-drive end) bearing being a three-
lobe bearing and the drive end bearing being
a two-pad bearing with axial supply grooves.
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In particular, the bearing in the impeller end
worked both as a bearing support and as an
annular seal to contain the discharge pressure
of the compressor. Figure 1 is a schematic of
the compressor rotor and seal layout in the
non-drive end. Table 1 illustrates the main
dimensions of the bearings on both ends along
with the carrying static loads.

During the starting procedure, a subsynchro-
nous vibration appeared at approximately
5,200 rpm, as shown in Figure 2. The vibration
was observed to be speed dependent at slightly
more than half the running speed frequency.

ANALYSIS OF THE PROBLEM

Figure 3 depicts the bearing detailed geometry.
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Figure 1. Compressor rotor and area of bearing-seal.



ABSTRACT

In a revamp overhung, rigid rotor compressor, an oil whirl instability appeared from the sleeve bearings. The

peculiarity of the bearing arrangement in the impeller end is that the bearing also works as a seal. Bearing

calculations and rotordynamic analyses predicted the threshold speed of instability. The analyses showed that the

instability came from this bearing, even though the rotor had not crossed any bending critical speed. The axial

pressure gradient had a small effect on the hydrodynamic film of the bearing because the flow is laminar. A solution

based on a tilting pad bearing/seal was used to solve the problem, and the compressor achieved satisfactory operation

at full speed.

Note the absence of supply grooves in the non-
drive end (NDE) bearing because this element
has to seal the oil pressure on one side. The
initial analysis of the compressor with the
existing bearings was challenging because
the exact effect of the large axial pressure
drop across the NDE bearing was unknown.
Ignoring the axial pressure profile, the bear-
ing can be analyzed with a bearing predictive
code solving the Reynolds equation for the
given lobe geometry [1,2]. The perturbation
analysis of the Reynolds equation at the steady
state operating condition renders the bearing
rotordynamic force coefficients (stiffness and
damping) used in the stability analysis.

With this bearing geometry, the compressor
stability was verified to be in jeopardy for
the maximum bearing clearance case close
to the observed threshold speed of instability
(see Figure 4). Note that the compressor goes
unstable even though it hasn’t crossed the first
bending critical speed that is predicted to be
approximately 13,700 rpm. The mechanism
for the instability comes directly from the
journal bearing dynamics. In particular, pre-
dictions show that the bearing with the lowest

Non-Drive End (NDE)

Drive-End (DE)

Diameter: 5.25 in

Length: 3.00 in

Type: Three-lobe (no axial feeding grooves)
Static load: 640 Ib

Diameter: 4.125 in

Length: 2.375in

Type: Two-pad with axial feeding grooves
Static load: 205 Ib

Table 1. Compressor bearing dimensions - original built.
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Figure 2. Frequency spectrum of vibration of compressor rotor on sleeve bearings.

Continued on page 12
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threshold speed of instability is the bearing in
the impeller end (NDE, three-lobe bearing).
This is expected because this bearing has the
closest geometry to a cylindrical journal bear-
ing.

In order to verify the predictions of the hydrody-
namic bearing code for the NDE bearing, pre-
dictions of force coefficients from a specialized
bearing-annular seal code used for cryogenic
liquid bearings in high-pressure turbo-pumps
[3] were compared with the original predic-
tions (see Figures 5 and 6). These predictions
show that the axial pressure distribution has
some effect on the rotordynamic coefficients
affecting stability (cross-coupled stiffness and
direct damping).

In particular, cross-coupled coefficients increase
because of the axial pressure gradient. The
negative effect of this on the stability is offset by
a corresponding increase in the direct damping
coefficients, so that the net effective damping
from the bearing is only slightly modified. The
verification of the bearing force coefficients
allows confirmation of the predictions of stabil-
ity, as observed during the actual start-up of the
COMPIESSO.

£10,

3-lobe bearing, NDE 2-pad (lemon-type) bearing, DE

Figure 3. Geometry of original sleeve bearings of compressor rotor. Note that the NDE
bearing has no axial grooves.
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Figure 4. Predictions of stability indicator (log dec) and natural frequency as function of
speed. Original bearing configuration.
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bearing of centrifugal compressor.

12

Figure 6. Direct damping coefficients for original NDE bearing of
centrifugal compressor.



In addition to the three-lobe bearing, analysis
of the two-pad bearing on the drive end of the
machine reveals that the onset speed of insta-
bility for this bearing is higher than the onset
for the impeller end bearing. This is important
to note because analysis of the problem focuses
on the three-lobe bearing for this reason.

Figure 7 shows the predicted onset speed of
instability for each bearing as a function of
the rotating speed under the static carrying
loads. Clearly, the three-lobe bearing on the
non-drive end becomes unstable earlier than
the drive-end bearing. Note also that the bear-
ing onset speed of

SOLUTION TO THE PROBLEM

The instability problem is handled by the use
of tilting pad bearings. Care must be exercised
on the NDE bearing because it still must take
an axial pressure gradient. Based on the manu-
facturer’s experience with tilting pad seals, the
solution involves a tilting pad bearing in the
high-pressure section of the bearing cavity and
a multiple-land babbitt seal to break down the
oil sealing pressure. Figure 8 shows a schematic
of the bearing-seal arrangement. The bearings
are four-pad, load-between pad bearings with
medium preload.
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Figure 7. Predicted onset speed of instability of original centrifugal

compressor sleeve bearings under carrying static loads.

It is not unusual to have a bearing/seal assem-
bly that combines tilting pads with oil-film
ring seals. Tilting pads have been applied to the
outer oil-film rings of the casing end seals of
centrifugal compressors for many years. This
configuration is used to eliminate or prevent
detrimental subsynchronous vibration. The
consistent reliability of units using the design
has led to tilt pad seals becoming standard in
many types of compressors with oil-film seals
[4-12]. More than 600 compressors with tilt-
ing pad seals have been installed around the
world in many different services. The design
has been used at sealing pressures up to 21,475
kpa (3,100 PSIG), and for speeds up to 22,800
rpm. The first installation was in 1972 [5, 6].
For case histories of change-outs from ring
seals to tilt pad seals see the papers [5-8, and
11]. Use of the tilt pad bearing programs in the
analytical modeling of tilt pad seals is discussed
n [12]. The most recent and extensive discus-
sion of the analytical modeling of tilt pad seals
is given in [11].

Figure 9 shows predicted stability of the com-
pressor with the new tilting pad bearings
and seal arrangement. Both bearings (DE and
NDE) were changed to tilting pad bearings to
enhance the stability margin.

Continued on page 14
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Figure 8. Schematic of final bearing-seal configuration. Tilting pad bearing with babbitted land, fixed geometry oil seal.
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After the change of bearings, the compressor
performed as expected, with moderate levels of
vibration. Figure 10 shows vibration measure-
ments taken during commissioning, No sign
of subsynchronous vibration is present in the
operating speed range.

SUMMARY AND REMARKS

This paper presents the dynamic analysis of
an overhung compressor that presented an
instability caused by the original sleeve bear-
ings. Being overhung means that there is
more uneven loading on the bearings when
compared to most beam-style compressors.
Interestingly, in this particular case, the more
heavily loaded bearing goes unstable first
because it contains no axial grooves to break-
up the circumferential oil flow.

The compressor is a stiff shaft compressor,
with the rigid bearing first critical speed twice
the maximum continuous speed, and the
synchronous first critical speed predicted to
be above the running speed range. The rigid
body modes were predicted to be below the run-
ning speed range and to be very well damped,
with amplification factors under 2.0. Yet the
compressor went unstable because of a sharp
reduction in available system damping when
the bearings lost the load capacity at their own
onset speed of instability. This was without
“locking on” to the classical first critical speed.
What is unusual about this case study is that
there is instability without the bearing whirl
frequency locking onto the first critical speed.

The bearing that was installed on the high-
pressure side of the compressor actually worked
as a seal. Substitution of this bearing by a
tilt pad seal/bearing solved the root prob-
lem and allowed satisfactory operation of the
COMPIESSO.
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Predicted Stability of Compressor with Tilting
Pad Bearings/Seal
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Figure 9. Predictions of stability indicator (log dec) as functions of running speed for com-
pressor on new tilting pad bearings and multi-land oil seal.
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Figure 10. Compressor spectrum after change to tilting pad bearings.
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